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Abstract

Experiments were performed to investigate the heat transfer mechanism in the evaporator section of non-stepped rotating heat pipes
at moderate rotational speeds of 2000–4000 rpm or accelerations of 40g–180g, and evaporator heat fluxes up to 100 kW/m2. The thermal
resistance of the evaporator section as well as that of the condenser section was examined by measuring the axial temperature distribu-
tions of the flow in the core region of the heat pipe and along the wall of the heat pipe. The experimental results indicated that natural
convection heat transfer occurred in the liquid layer of the evaporator section under these conditions. The heat transfer measurements
were in reasonable agreement with the predictions from an existing rotating heat pipe model that took into account the effect of natural
convection in the evaporator section.
� 2007 Elsevier Ltd. All rights reserved.
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1. Introduction

Wickless rotating heat pipes are highly effective two-
phase heat transfer devices that have been proposed and
used for thermal management in rotating machinery [1–
3]. The liquid flow and heat transfer in rotating heat pipes
depend on a number of factors, including the heat pipe
design, the working fluid and fluid loading, the rotational
speed or centrifugal acceleration, and the heat flux. The
liquid condensate in rotating heat pipes is usually fully
annular along the inner surface when the heat pipes operate
at moderate rotational speeds with accelerations greater
than approximately 40g of interest here [4]. Models have
been developed for the overall heat transfer performance
of rotating heat pipes by solving the governing equations
for the flow and heat transfer of the liquid annulus
throughout the heat pipe [5–8]. A modified Nusselt-type
laminar film condensation model has been found to be
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applicable for predicting the heat transfer in the condenser
section [9,10]. The heat transfer in the evaporator section,
however, remains less well understood.

The heat transfer mechanism in the evaporator section
of stepped rotating heat pipes, where the liquid film thick-
ness is usually more than 1 mm, appears to be similar to
pool boiling under acceleration [5,10]. Natural convection
and nucleate boiling occurred in sequence as the heat flux
increased, with the onset of nucleate boiling being sup-
pressed to higher heat fluxes with rotational speed. Once
nucleate boiling was initiated, the thermal resistance of
the liquid film in the evaporator was normally small com-
pared to that in the condenser [11], and thus could be
neglected while considering the overall heat transfer perfor-
mance of rotating heat pipes. Somewhat surprisingly, these
measurements suggested the evaporator heat transfer in the
natural convection region was independent of rotational
speed [5], which was not observed for natural convection
in liquid pools under acceleration.

The liquid film thickness in the evaporator section of
non-stepped rotating heat pipes is usually much smaller
than in stepped heat pipes and is often comparable to or
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Nomenclature

a centrifugal acceleration [m s�2]
A cross-section area [m2]
cp specific heat at constant pressure [J kg�1 K�1]
g gravitational acceleration [m s�2]
hfg latent heat of phase transformation [J kg�1]
L length [m]
_mc mass flow rate of the cooling water in the con-

denser water jacket [kg s�1]
mg mass of non-condensable gas [kg]
Nud liquid film Nusselt number, hd

kl

p vapour pressure corresponding to saturation
temperature [Pa]

Q heat transfer rate [W]
r local radius [m]
R thermal resistance [K/W]
Rad liquid film Rayleigh number, qlx

2r cos abDT d3

llal

Ra�d modified liquid film Rayleigh number,
qlx

2r cos abDT d3

llal
ð1þ hhg

_V d
cpl alDTÞ

Rg gas constant [J kg�1 K�1]
T temperature [�C]

_V volumetric evaporation rate per unit area
[m s�1]

a taper angle [�], or thermal diffusivity [m2 s�1]
b thermal expansion coefficient [K�1]
d liquid film thickness [m]
l dynamic viscosity [kg m �1 s�1]
q density [kg m�3]
x Angular velocity [rad s�1]

Subscripts
a adiabatic section
ac active portion of the condenser
c condenser section
e evaporator section
g non-condensable gases
i inner wall or inlet of water jacket
in inactive portion of the condenser
l liquid
o outer wall or outlet of water jacket
v vapour core
w wall
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smaller than the diameter of typical vapour bubbles (0.1–
1 mm) [12]. In this case, it was thought film evaporation
would occur rather than nucleate boiling [11,13], and the
heat transfer has been modeled as such in previous models
for non-stepped heat pipes [6–8]. The initial models
assumed conduction across the liquid film in the evapora-
tor [6,7], while a recent model [8] considered the effect of
acceleration-induced natural convection within the thin
liquid film using a correlation developed for natural con-
vection in liquid pools in a rotating boiler [14]. It was found
that predictions from the model that considered natural
convection were in much better agreement with measure-
ments of the overall performance of non-stepped heat pipes
at moderate rotational speeds (40 < a/g < 180) than those
that only considered conduction [15]. Heretofore, however,
there does not appear to have been measurements on non-
stepped heat pipes that could be used to directly determine
the heat transfer coefficient, or the thermal resistance of the
evaporator section at moderate rotational speeds.

The objective of this study was to examine the heat
transfer mechanism in the evaporator section of non-
stepped rotating heat pipes at moderate rotational speeds.
The experiments were performed for two heat pipes, one
with an inner tapered condenser and the other with a cylin-
drical inner surface. The temperature distributions along
the wall and the core regions of the heat pipes were mea-
sured using thermistors embedded in the heat pipes. The
experimental facility and the heat pipes tested are described
in the next section, followed by the experimental results
and comparison to predictions from the models for the per-
formance of rotating heat pipes.
2. Experimental methodology

The rotating heat pipes were tested using the facility
shown in Fig. 1, also used in Song et al. [15]. The heat pipe
was fit inside a Teflon sleeve that was then pressed into a
stainless steel tube supported by two self-aligning bearings,
and driven by a motor capable of rotational speeds up to
4775 rpm. One end of the heat pipe was heated using a ded-
icated induction heating unit that had a 125 mm long heat-
ing coil. The total length of the hollow working section in
the heat pipes encased by the induction coil (the evaporator
section) was approximately 114 mm. The end cap at the
evaporator end was a 3 mm thick copper assembly that
was also positioned within the induction coil during the
experiments. The induction heating unit could supply heat
fluxes up to approximately 100 kW/m2 into the evaporator
section. The heat transfer through the heat pipe was
removed from the other end by flowing cooling water
through a plastic jacket that encased the condenser. The
length of the condenser section that was cooled by the flow-
ing water in the jacket was 98 mm. The water flow to the
jacket was provided using a closed loop system. The inlet
water temperature was maintained constant during the
tests using a PID controlled tape heater wrapped on the
pipe leading to the water jacket. The volumetric flow rate
of the water was measured using a rotameter with an
uncertainty of ±1 mL/s, while the inlet and outlet water
temperatures were measured using T-type thermocouples
at the entrance and exit of the water jacket. The rotameter
was calibrated by measuring the total flow over a given per-
iod of time. The thermocouples were calibrated using a
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Fig. 1. Schematic of the rotating heat pipe test facility with induction heating at the evaporator and a cooling jacket at the condenser.

Table 1
Specifications of the test rotating heat pipes and test conditions

Tapered heat pipe Cylindrical heat pipe

Overall length 400 mm 400 mm
Length of cylindrical

sections
298 mm 400 mm

Length of tapered section 102 mm 0 mm
Evaporator taper 0� 0�
Adiabatic taper 0� 0�
Condenser taper 2� 0�
Heat pipe wall material Copper Copper
Heat pipe outer diameter 25.4 mm 25.4 mm
Wall thickness @

Condenser end cap
6.4 mm 3.2 mm

Wall thickness @
Evaporator end cap

2.8 mm 3.2 mm

Working fluid Distilled water Distilled water
Working fluid loading 9.2 g 6.3 g
Heat input to the

evaporator
0.2–0.7 kW 0.2–0.7 kW

Heat flux at the evaporator
section

30–100 kW/m2 30–100 kW/m2

Rotational speed 2000–4000 rpm 2000–4000 rpm
Centrifugal acceleration 40g–180g 40g–180g

Cooling water inlet
temperature at the
plastic jacket
surrounding the
condenser

20 �C 20 �C
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RTD thermometer with an uncertainty of ±0.025 �C. It
was found that the temperature measurements from these
two devices were within ±0.3 �C over the temperature
range of interest here [15].

The heat transfer through the heat pipe, Q, was deter-
mined by applying an energy balance at the condenser
water jacket given by

Q ¼ _mccpðT c;o � T c;iÞ ¼ _mccpDT c ð1Þ

where Tc,i and Tc,o are the inlet and outlet water tempera-
ture. The relative uncertainty in the heat transfer measure-
ments (dQ/Q) was determined following the approach of
Coleman and Steele [16]. The 95% confidence intervals
for heat transfer rates above 0.6 kW was less than approx-
imately ±8%, while it was up to ±20% for lower heat trans-
fer rates (0.2 kW).

The experiments were performed for two copper wick-
less heat pipes with distilled water as the working fluid.
Both heat pipes had cylindrical adiabatic and evaporator
sections. One heat pipe had a 2�-tapered condenser section,
while the other had a cylindrical condenser as specified in
Table 1. The tapered heat pipe was filled with 9.2 g of
water, while the cylindrical heat pipe was filled with 6.3 g
of water. The fluid loadings were determined based on pre-
dictions from the rotating heat pipe model of Song et al.
[8]. For the cylindrical heat pipe, the model predictions
showed that 6.3 g was the minimum fluid loading to pre-
vent dry out for the current test conditions. The 9.2 g of
water in the tapered heat pipe yielded an average liquid film
thickness in the evaporator that was approximately twice
that in the cylindrical heat pipe with 6.3 g of water, thus
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Fig. 3. Typical axial temperature distributions in the wall (solid symbols)
and the core region (open symbols) of the tapered heat pipe at (a)
2000 rpm, and r} 0.30 kW, NM 0.68 kW; and at (b) 4000 rpm, and r}
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the wall, while the temperature distributions of the flow in
the core region were measured using five thermistors
embedded through the wall into the center of the core at
the positions shown in Fig. 2. The thermistor wires were
connected to the rotor terminals of a high-speed slip ring
that was mounted onto the evaporator end of the heat pipe.
The resistance outputs of the thermistors were measured on
the stator side of the slip ring using a multimeter. The con-
tact resistance of the slip ring during operation was on the
order of 10�3 X, which was much smaller than the resis-
tance outputs of the thermistors that were typically 103–
105 X. The thermistors were calibrated prior to being
installed in the heat pipes using the RTD thermometer with
the uncertainty of ±0.025 �C similar to the thermocouples
above, yielding a calibration with an uncertainty of
approximately ±0.25 �C for the temperature range of inter-
est here.

Non-intrusive measurements of the wall temperature
distribution were also performed independently using a
thermal imaging camera as has been done in previous
investigations [5,15]. The camera had a resolution of
approximately 0.55 mm and an accuracy of ±1 �C in the
temperature range 0–100 �C and ±1% of the actual read-
ings for temperatures above 100 �C [15]. The measurements
suggested that the average of the wall temperatures mea-
sured at the two points in the evaporator section (Twe,1

and Twe,2 in Fig. 2) with the thermistors were representative
of the wall temperature of the evaporator section. The con-
denser section was encased by the cooling water jacket so
the wall temperature distribution in that section could
not be measured using the thermal imaging camera.

3. Experimental results and discussion

Typical temperature distributions along the wall and the
core regions of the two heat pipes measured with the
thermistors at rotational speeds of 2000 and 4000 rpm
are shown in Figs. 3 and 4. The test data at 3000 rpm were
found to fall between the data at 2000 rpm and 4000 rpm
with similar trends, and are not included here for clarity.
The temperature of the wall decreased from the evaporator
section to the condenser section for both heat pipes, with
the temperature drop along the wall in each section being
up to 20% of that between the ends of the heat pipes. Addi-
tional measurements using the thermal imaging camera
showed the temperature at the outer surface of the evapo-
rator end cap was up to 15 �C higher than that of the evap-
orator wall near the end cap. This was most likely due to
the heating of the copper end cap by the induction heating
unit. Much of this heating would be conducted to the evap-
orator wall where it could be transferred to the adjacent
liquid annulus, contributing to the temperature drop along
the wall in the evaporator. The wall temperature drop in
the condenser was comparable to that in the evaporator.

The temperature measured in the core region of both
heat pipes was not uniform as was expected. For example,
the change along the tapered heat pipe was as large as
30 �C. The estimate of the pressure drop in the vapour flow
due to friction and momentum change from vapour con-
densation [10,17] was typically on the order of 10 Pa that
would cause a negligible change in the local saturation tem-
perature. The heating or cooling of the thermistor sensors
in the evaporator and condenser sections due to conduc-
tion from or to the heat pipe wall was estimated to be
approximately 1 �C for the highest heat flux of 100 kW/
m2. The flow in the core region could be a liquid–vapour
mixture rather than pure vapour flow that could contribute
to the measurement errors, but none of these effects
appeared to be consistent with the result that the tempera-
ture change in the core region increased with rotational
speed and decreased with heat flux. The temperature
change in the core region of the evaporator section
occurred in both heat pipes and was thought to be due to
the flow near the end cap of the evaporator section being
superheated due to the interaction with the end cap that
was considerably hotter than the evaporator wall. This
interaction could be complicated by the presence of a flow
reversal in the vapour flow near the evaporator end as
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shown in numerical simulations of the vapour flow at
higher rotational speeds or lower heat fluxes [7,17].

There was also a significant temperature decrease in the
core region of the condenser section for the tapered heat
pipe that was not as evident for the cylindrical heat pipe.
This was particularly true at low heat fluxes suggesting that
the non-uniform temperature in the condenser region may
be due to the presence of non-condensable gases that tend
to accumulate in the region near the end of the condenser
[18]. The source of the non-condensable gases is not clear,
but could likely be related to the installation of the internal
instrumentation. The temperature distribution in the
tapered heat pipe was measured for different inlet cooling
water temperatures and the results for 2000 rpm are shown
in Fig. 5. It is clear that the temperature distribution in the
core region became more uniform as the core temperature
increased due to either an increase in the inlet water tem-
perature or an increase in the heat transfer rate through
the heat pipe. This is consistent with the interpretation that
this is caused by non-condensable gases. The saturation
pressure changed by a factor of almost 20 with the increase
in operating temperature considered here. The temperature
of the non-condensable gases tended to follow the con-
denser wall temperature and only changed by about 5%
in absolute terms. Thus the change in the volume of the
non-condensable gases was largely determined by the
change in the pressure of the non-condensable gases. The
more uniform temperature distributions in the condenser
section of the cylindrical heat pipe suggest that the effect
of non-condensable gases was smaller in this case.

Thus, the results suggest that the wall temperature mea-
sured in the condenser further away from the end cap
(Twc,2 in Fig. 2) was a better measure of the wall tempera-
ture in the active region of the condenser and was used to
represent the wall temperature of the condenser section.
Since the local heat flux at the evaporator is not known,
it was necessary to select a representative wall temperature
for the evaporator section. In the case where the tempera-
ture distribution along the wall is linear and the heat trans-
fer is conduction, the average temperature would be
appropriate. In the case of natural convection where the
heat transfer coefficient would vary with the temperature
difference, it was appropriate at least to first order. The
two thermistors along the evaporator wall are located so
that they yield the average of the temperature distribution,
which was corroborated by the thermal camera images.
Therefore, the overall heat transfer performance of the heat
pipes was characterized using the overall thermal resistance
R given by

R ¼ T we � T wc

Q
; ð2Þ

where Twe = (Twe,1 + Twe,2)/2 and Twc = Twc,2. Similarly,
the temperature measured in the core region of the adia-
batic section (Tva in Fig. 2) was thought to be the best



0.0 0.2 0.4 0.6 0.8 1.0
0.00

0.05

0.10

0.15

R
 (K

/W
)

Q (kW)

(a)

0.0 0.2 0.4 0.6 0.8 1.0
0.00

0.05

0.10

0.15

R
 (K

/W
)

Q (kW)

(b)

a

b

Fig. 6. Change in }r the overall thermal resistance R and the thermal
resistances of hj the condenser section Rc and MN the evaporator section
Re with heat flux determined from measurements at 2000 rpm (open
symbols) and 4000 rpm (solid symbols) for (a) the tapered heat pipe and
(b) the cylindrical heat pipe.

F. Song et al. / International Journal of Heat and Mass Transfer 51 (2008) 1542–1550 1547
measure of the saturation temperature. In this case, the
heat transfer performance in the evaporator and condenser
sections were characterized by the thermal resistances Re

and Rc given by

Re ¼
T we � T va

Q
; ð3Þ

and

Rc ¼
T va � T wc

Q
: ð4Þ

The relative uncertainties in the computed thermal resis-
tances varied from ±22% to ±8% at the 95% confidence
interval as the heat transfer rates through the heat pipe
increased.

The changes in the overall thermal resistance of the two
heat pipes and the resistances of the individual sections
with heat transfer rate are shown in Fig. 6. The thermal
resistances of the evaporator and condenser sections were
similar in the tapered heat pipe at both speeds indicating
both sections were important in determining the overall
performance of the tapered heat pipe. The thermal resis-
tance of the condenser section in the cylindrical heat pipe,
however, was significantly larger than the evaporator sec-
tion and thus played a larger role in determining the perfor-
mance of this heat pipe, as expected.

The thermal resistance of the condenser section in both
heat pipes decreased with an increase in rotational speed
due to the increase of the driving force within the liquid
layer which should reduce the liquid film thickness in the
condenser section [8–10]. The thermal resistance of the con-
denser section also decreased significantly with heat flux.
Part of this was likely due to the presence of the non-con-
densable gas. The increase in operating temperature of the
heat pipe with heat flux tends to decrease the volume of
non-condensable gases, as noted above. The thermal resis-
tance of the evaporator section in both heat pipes decreases
with rotational speed, consistent with a natural convection
mechanism that would be enhanced with an increase in the
rotational speed. The results do not seem to be consistent
with conduction across the liquid layer because the increase
in speed should redistribute the liquid film towards the
evaporator section [8], increasing the liquid layer thickness
and the resistance to conduction heat transfer. The thermal
resistance of the evaporator also decreased with the heat
transfer rate, again consistent with a natural convection
mechanism that would be enhanced with an increase in
the temperature difference across the liquid layer.

The measurements were compared to predictions from
an existing model for non-stepped rotating heat pipes pro-
posed by Song et al. [8]. In this model, the equations for the
liquid flow and heat transfer in the condenser, the adiabatic
section and the evaporator are coupled and solved as a
one-domain problem for the overall heat transfer. The con-
denser is modeled using a modified Nusselt-type filmwise
condensation approach, while the evaporator is modeled
using a film evaporation that considered both conduction
and acceleration induced natural convection within the
liquid film by incorporating a correlation for natural con-
vection in liquid pools under acceleration [14]. Calculations
were also performed using a model proposed by Li et al. [6]
that only considered conduction across the film in the evap-
orator. Both models were also modified to incorporate a
simplified model for the effect of non-condensable gases
in the condenser section [18]. In particular, the condenser
section was modeled as consisting of an inactive region
near the end cap in thermal equilibrium with the heat sink,
and an active region that contained only saturated vapour.
It is assumed that the inactive region consists of a mixture
of water vapour and all the non-condensable gases. The
total pressure in this region is assumed to be the same as
the saturation pressure in the active region of the heat pipe
by neglecting the pressure drop from end to end, and the
partial pressure of vapour is determined by the local tem-
perature. Thus, the pressure of the non-condensable gases
itself is estimated as the difference between the total pres-
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sure and the partial pressure of the vapour in the inactive
region. Each of these was determined from the core tem-
perature in the condenser using the embedded thermistors
located at both ends of the condenser section.

The boundary between the active and inactive regions
was modeled as a flat front at a position

Lc;in ¼
mgRgT g;in

ðpv;ac � pv;inÞAv

; ð5Þ

from the end of the heat pipe. Here, Tg,in is the temperature
of the non-condensable gases that was estimated using the
cooling water inlet temperature, while pv,ac and pv,in are the
pressure of the vapour in the active and inactive regions.
The non-condensable gas was modeled as air in this study.

The thermal resistances from the measurements are
compared to the predictions from Song et al.’s model for
both heat pipes in Figs. 7 and 8. The predictions for the
case with no non-condensable gases and two cases with
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Fig. 7. Change in }rR, hj Rc, and MNRe with heat flux for the tapered
heat pipe determined from measurements at (a) 2000 rpm (open symbols)
and (b) 4000 rpm (solid symbols); and predictions from Song et al.’s model
[8] for , , R, , , Rc,
and , , Re for the cases of 0, 3 � 10�7, and
6 � 10�7 g of non-condensable gases, respectively.
3 � 10�7 and 6 � 10�7 g of non-condensable gases are
shown in the figures. The predicted evaporator thermal
resistance was relatively independent of the amount of
non-condensable gases, and in good agreement with the
measurements for both heat pipes with a difference less
than approximately 10%. This was much better than the
results when conduction heat transfer alone was considered
in the evaporator. In those cases, the thermal resistance of
the evaporator was up to three times larger than the mea-
surements, particularly for the tapered heat pipe that con-
tained a larger amount of working fluid. The models
predicted that the excess working fluid tends to pool in
the evaporator, significantly increasing the thermal resis-
tance when conduction alone is considered.

The thermal resistances of the condenser section pre-
dicted using Li et al.’s model were very similar to those
using Song et al.’s model shown in the figures. The predic-
tions of the condenser thermal resistance that did not con-
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Fig. 8. Change in }rR, hj Rc, and MNRe with heat flux for the
cylindrical heat pipe determined from measurements at (a) 2000 rpm (open
symbols) and (b) 4000 rpm (solid symbols); and predictions from Song
et al.’s model [8] for , , R, , ,

Rc, and , , Re for the cases of 0,
3 � 10�7, and 6 � 10�7 g of non-condensable gases respectively.
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sider the effect of the non-condensable gases were relatively
independent of the heat flux, unlike the measurements. The
predicted condenser thermal resistance decreased with heat
flux when the non-condensable gases were included in the
model. The change in the thermal resistance with heat flux
increased with the amount of non-condensable gases, indi-
cating that the non-linearity in the thermal resistance may
be an indication of the amount of non-condensable gases
present in the heat pipe. A more complex model for the
non-condensable gas distribution would likely be required,
though, to properly predict the effect of the gases at low
heat fluxes. The amount of non-condensable gases had less
effect on the predicted thermal resistance at larger heat
fluxes. The predictions for the condenser thermal resistance
for the tapered heat pipe were in reasonable agreement
with the measurements. The model, however, overesti-
mated the measurements for the cylindrical heat pipe even
at high heat fluxes, the cause of which is not clear.

The heat transfer in the evaporator sections of the two
heat pipes for all cases in terms of the Nusselt number
and Rayleigh number for the liquid film is shown in
Fig. 9. The liquid film thickness used to compute the Nud

and Rad here is the average value in the evaporator section
predicted from the model. The results agree with the corre-
lation Nud ¼ 0:133Ra0:375

d for natural convection in liquid
pools under acceleration [14] when Rad P 400. When
Rad 6 400, the computed Nusselt number was approxi-
mately 1, consistent with conduction heat transfer across
the liquid layer. The transition Rayleigh number of
approximately 400 is much lower than the conventional cri-
terion of Rad > 1000 for the onset of natural convection
[19]. This is, however, consistent with the observations of
Zhang and Chao [20] who found that Benard-type natural
convection occurred at lower Rayleigh numbers in the
presence of film evaporation. Zhang and Chao [20] pro-
0.1
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100 1000 10000 100000
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u δ

Fig. 9. Change in Nud with Rad for the liquid film in the evaporator of the
tapered heat pipe (open symbols) and the cylindrical heat pipe (solid
symbols) for rotational speeds of }r 2000 rpm, hj 3000 rpm, MN
4000 rpm and —— the correlation for natural convection heat transfer
proposed by Körner [14].
posed a modified Rayleigh number to include the contribu-
tion of film evaporation. This modified Rayleigh number
with the gravitational acceleration g replaced with the cen-
trifugal acceleration x2r is given by

Ra�d ¼
qlx

2r cos abDT d3

llal
1þ hhg

_V d
cpl

alDT

� �

¼ Rad 1þ hhg
_V d

cpl
alDT

� �
: ð6Þ

The first term is the conventional Rayleigh number,
while the second term accounts for the effect of film evap-
oration. The estimate of Ra�d at the transition in the Nusselt
number for the evaporator section here was 800–1100, in
agreement with the criterion for the onset of natural con-
vection without film evaporation [19].

4. Conclusions

Experiments were performed to investigate the heat
transfer in the evaporator section of non-stepped rotating
heat pipes at moderate rotational speeds. The measure-
ments show that the thermal resistance of the evaporator
section decreased with an increase in either the rotational
speed and or the heat flux, consistent with a natural con-
vection heat transfer mechanism within the liquid layer.
The thermal resistance of the evaporator section was lower
than that of the condenser for the cylindrical heat pipe, but
nearly the same as the condenser section in the tapered heat
pipe. The experimental results for the heat transfer in the
evaporator were reasonably predicted using the model that
considered the effects of natural convection in the evapo-
rator [8], but deviated from the model predictions that
considered conduction alone [6]. The heat transfer mea-
surements in the evaporator were in general agreement
with the correlation for natural convection under accelera-
tion developed by Körner [14]. The agreement between the
test data and the correlation extended to liquid film Ray-
leigh numbers as low as 400, indicating natural convection
occurred at these low Rayleigh numbers in the presence of
film evaporation. The transitional Rayleigh number was
evaluated using a modified Rayleigh number for film evap-
oration applications proposed by Zhang and Chao [20].
The modified Rayleigh number was approximately 103

when the centrifugal acceleration was used in place of the
gravitation acceleration in the proposed expression.
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